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ABSTRACT

Micro gas turbines (mGT) offer some
advantages for small scale (up to 500 kW)
Combined Heat and Power (CHP) production
compared to Internal Combustion Engines (ICE)
due to their low vibration level, cleaner exhaust
and lower maintenance cost. The major
drawback is the lower electric efficiency, which
makes mGTs less attractive for applications with
a non-continuous demand for heat. Therefore, a
reduction in heat demand will generally lead to a
forced shut down of the unit, which makes the
mGT less competitive compared to the ICE.

Water injection in the compressor exhaust is
considered as a possible route to improve the
electrical efficiency of the mGT. To determine
the optimal cycle settings for water injection, we
have performed simulations using a two-step
method. In a first step, the thermodynamic limit
for the water injection is sought using a black
box method. In a second step, the cycle layout
is designed by means of composite curve
theory.

This paper summarizes the results of two case
studies. In the first case, the black box is
considered adiabatic and no fixed stack
temperature is imposed (thus allowing
condensation of the exhaust gasses). One of the
major concerns when injecting water is the
water consumption, which can be compensated
in some cases through condensation and
recycling of the condensate. Therefore, in the
second case, the cycle is made self-sufficient
with water. In this case, the black box is no
longer considered adiabatic and heat exchange
with  the environment is allowed for
condensation of the flue gasses.

Simulations showed that lowering the stack
temperature to 53°C results in an injection of
17 %wt of water and an increase in electric
efficiency of 9% absolute. Results of simulations
of the second case indicate that the stack
temperature needs to be lowered under 30°C in
order to make the cycle self-sufficient with
water.

Keywords: micro gas turbine, water injection,
black box method, composite curve theory,
exergy.

INTRODUCTION

Micro gas turbines (mGT) offer a number of
advantages compared to Internal Combustion
Engines (ICE) for small-scale (up to 500 kW,)
power production, for example, a small number
of moving parts, compact size and light weight
and opportunities for better energy efficiency,
lower emissions and lower electricity costs [1].
Particularly for the small-scale Combined Heat
and Power (CHP), mGTs offer great potential [2-
5]. The major drawback is the lower electric
efficiency. A lower heat demand mostly leads to
a forced shutdown of the engine, due to the low
electric efficiency because producing only
electricity with the mGT is more expensive than
taking the necessary power from the grid. This
forced shutdown reduces the total amount of
yearly running hours, making the investment
less attractive [6].

A first way to improve the performance of the
mGT system is by finding the optimal nominal
power and number of mGTs necessary in the
small-scale CHP system [7] and by optimizing
the operational planning [8].

A second way to improve the overall
performance of an mGT CHP unit is by
improving the electric efficiency of the mGT.
Increasing the electric efficiency will make the
mGT more competitive against the ICE engine.

Electric efficiency can be improved by
increasing the efficiency of the components of
the mGT. According to McDonald, the two
parameters that have potential for efficiency
increase are increased  Turbine Inlet
Temperature (TIT) and higher recuperator
effectiveness [9]. Since cooling of the small
radial flow turbine is difficult, the TIT can only be
increased if thermal resistant — ceramic -
materials are introduced in the mGT. The use of
these ceramic materials allow for a higher TIT,
resulting in considerable energy savings [10,
11]. Campanari et al. showed that the high




electric efficiency levels achievable with future
advanced ceramic mGTs would improve
dramatically the economic competitiveness of
the application, as well as the primary energy
savings and environmental benefits [12]. By
using a heat resistant coating technology, Kim
and Lee were able to increase the TIT of their
home made mGT by 100°C, resulting in 20%
more power output and 6% absolute increase in
electric  efficiency [13]. Increasing the
recuperator efficiency is very straight forward,
but will however result in a dramatically increase
in recuperator size, weight and cost [9].
Pressure drop over the recuperator should be
limited, since a 1% pressure loss increase will
decrease the turbine efficiency by 0.33% [14]. A
higher TIT will also require superalloys for the
recuperator design. McDonald proposes a basic
concept for better heat exchanger design [15].

Another way to improve the electric efficiency of
the mGT is by introducing water (vapour/liquid)
in the cycle. Water injection is considered a
successful way to increase electric efficiency of
Gas Turbine (GT) cycles [16]. In periods with a
low heat demand, the lost thermal power can be
recovered by introducing auto-raised
steam/heated water inside the mGT cycle,
resulting in a more profitable investment [6]. The
beneficial effect of steam/water introduction in
an mGT on its performance has already been
studied several times [17-23]. Lee et al. showed
by means of simulations the beneficial effect of
steam injection on the performance of a
recuperated mGT cycle [17]. Dodo et al.
equipped a 150 kW, mGT with a Humid Air
Turbine (HAT) and Water Atomizing inlet air
Cooling (WAC) [18]. Experiments showed stable
runs at 32% electric efficiency and reduced NOy
exhaust. Mochizuki et al. performed steam
injections experiments on a Capstone C60
mGT. At 60 kW, and injection up to 6 wt%
steam/air ratio, thermal efficiency could be
improved by 3 to 4% [19]. Parente et al. studied
the thermodynamic and the thermo-economic
performance of a micro Humid Air Turbine
(mHAT) [20, 21]. Delattin et al. simulated [6] and
De Paepe et al. validated the effects of steam
injection on a Turbec T100 mGT [23]. Recently,
the authors of this paper presented a study on
the performance of a T100 mGT when injecting
water. By means of a two-step method — the first
step being the determination of the
thermodynamic limit by using a black box
method, and the second step, using composite
curve theory to design the heat exchanger
network layout — the potential for water injection
in an mGT was studied [24].

In this paper, the results of two case studies
concerning the water injection in an mGT are
presented. In the first case [Case Study 1

(CS1)], the black box is considered adiabatic
and no fixed stack temperature is imposed (thus
allowing condensation of the exhaust gasses).
Since water consumption is a major issue for
mixed air/water GTs, in the second case study
[Case Study 2 (CS2)], the cycle is made self-
sufficient with water. In this case, the black box
is no longer considered adiabatic and heat
exchange with the environment is necessary to
condense the flue gasses.

APPROACH

The Turbec T100 microturbine CHP system is a
typical recuperated mGT system (Figure 1). The
inlet air enters the compressor (1), where it is
compressed. The compressed air is preheated
in the air recuperator by the hot flue gasses (2).
In order to obtain the best performance, the
compressed air is heated until maximal TIT
(950°C) by burning natural gas in the
combustion chamber (3). The hot gasses will
expand over the turbine (4), which is connected
to a high-speed generator. After preheating the
compressed air, the excess heat, available in
the flue gasses is used to heat water for heating
purpose (5). A brief summary of the mGT
performance is given in Table 1.

Table 1: General specifications of the T100

mGT.
Electric power 100 kW,
Thermal power 167 kW,
Electric efficiency 30%
Thermal efficiency 50%

Nominal shaft speed 70 000 rpm

The T100 mGT produces a constant electric
power output (user defined between 60 and
100 kWe). The produced thermal power can be
controlled by routing part of the exhaust gasses
directly to the stack and thus bypassing the
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Figure 1: The compressed air (1) is preheated
by the flue gasses in the recuperator (2) and
heated in the combustion chamber (3) by
burning natural gas. Expanding the hot gasses
over the turbine provides the power (4). Finally,
hot flue gasses are used to heat water for
domestic heating purpose (5).



water heater. This will however lower the
thermal efficiency of the mGT. The compressor
and turbine of the T100 work at a variable shaft
speed, which results in variable mass flow rate
and pressure ratio. The controller of the T100
will adjust the shaft speed in order to keep the
power output constant. Next to the shaft speed,
the fuel flow is also controlled in order to
maintain TIT at is maximal value.

The current paper summarizes the results of two
series of water injection simulations, performed
on the Turbec T100 mGT. A two-step
procedure, developed by Bram and De Ruyck
for the design of mixed air/water GTs, has been
used [25, 26]. The potential of this procedure
has been shown by the development of a new
humidified GT, without using a saturation tower,
the REgenerative EVAPoration cycle (REVAP®)
[27, 28]. In this procedure, the thermodynamic
potential of water injection is first studied, using
an adiabatic black box method. In a second
step, the final cycle layout is designed, using
composite curve theory.

METHOD

All simulations, presented in this paper, are
performed using Aspen® plus simulation engine
(version 2006.5). Simulations were performed at
constant nominal power of the T100 mGT
(100 kW,). In the following subsections, the
modelling of the T100 mGT in Aspen® will be
discussed. Next to the modelling of the mGT
components, the black box simulation method
and exergy analysis are discussed. Finally,
additional information about the composite curve
theory, used to design the heat exchanger
network, is given.

mGT components modelling

For the modelling of the mGT in the Aspen® plus
simulation engine, an adapted version of
previous developed models of the dry and wet
mGT [6] are used. These models were validated
in [23]. The existing controller of the T100 mGT
is implemented in the Aspen® models. The
controller keeps the electric power and TIT
constant by adapting compressor shaft speed
and natural gas flow. In the Aspen® models,
constant electric power and TIT are set as
design specifications. By varying shaft speed
and natural gas flow, the Aspen® solver can
converge to a solution, respecting the design
specifications.

For the modelling of the compressor, generic
compressor maps were used. When water is
injected in the cycle, the total mass flow rate
through the turbine will increase, resulting in a
higher turbine/electric power. To keep the
produced electric power constant, rotation
speed is decreased, resulting in a lower

compressor mass flow rate (off-design). Since it
is the goal of this paper to find the limit for water
injection in the mGT, the operation point of the
compressor will move away from the optimal dry
operating point, resulting in a lower isentropic
compressor efficiency. For this reason, areas of
constant compressor efficiency were
implemented in the Aspen® compressor maps.

In the model used for the turbine, the turbine is
assumed to be chocked. Mathematically this is
expressed as:
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Due to the injection of water, the heat capacity
ratio (k) in Eg. (1) will change (0.1% per
injected water fraction), resulting in a different
chocking value. Next to the chocking condition,
the isentropic efficiency of the turbine will also
change due to water injection. Dry turbine
efficiency is equal to 0.85 and is compensated
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In Eq. (2), the apex () refers to the property at
standard air composition. y is defined as

(k—l)/k. Both corrections were added to the
simulation model.

The heat exchangers were modelled with
generic heat exchanger models. Pressure loss
over the hot side of the heat exchange network
was set to 3% of the total pressure, for the cold
side, a pressure drop of 40 mbar was imposed.
These losses correspond to the actual losses in
the dry cycle of the T100. The losses are design
conditions, which are a trade-off between the
cost of the heat exchanger, which increase if the
heat exchangers becomes larger, and the
pressure loss, which has a huge effect on
turbine performance [14].

Black box analysis

For the simulations performed in the first step of
the two-step method, all heat exchangers in the
mGT layout from Figure 1 were removed and
replaced by a black box. For the first case study
(CS1), an adiabatic black box was used, for the
second case study (CS2), heat exchange with
the environment (heat sink) was allowed, since
the flue gasses needed to be cooled in order to
make the cycle self-sufficient with water. In
Aspen®, a straightforward implementation of a
black box does not exist. Bram and De Ruyck
[26] proposed an alternative, by generating a
network of generic heaters and coolers, that
would act as a black box system. A modified



version of the network, proposed in [26] and
used in [24], is used for the simulations
performed for this paper. The T100 has only one
compressor stage, so there is no intercooling,
which reduces the amount of heaters and
coolers in the network.

For CS1, the network design as depicted in
Figure 2 has been used. For the first case study,
the water is first injected in the compressed air.
Before entering the combustion chamber, the
air/water mixture is preheated in the HEATER.
The flue gasses coming from the turbine are
then cooled in COOLER before they are ejected
through the stack. Expressing the conservation
of the energy over the black box, a correlation
between the thermal power of the heater and
cooler can be expressed as:

QCOOLER + QHEATER =0. 3

In the black box, there are three parameters that
can be controlled, but only two degrees of
freedom, since the compressor outlet mass flow
rate, pressure and temperature and the Turbine
Outlet Temperature (TOT) are controlled by the
mGT control system (power output and TIT
control). If the temperature difference on the hot
side of the black box is imposed (hot pinch),
together with the stack temperature, and taking
into account the energy balance in Eq. (3), the
amount of water that must be injected is set.

The major disadvantage of mixed air/water GTs
is the large water consumption [29]. By
introducing a condenser in the cycle, it is
possible to recover all the injected water [30,
31]. The goal of CS2 is to check the possibility
to make the cycle self-sufficient for water. For
this case study, the black box layout is slightly
adjusted (additional grey parts in Figure 2). The
flue gasses coming from COOLER in Figure 2
are cooled further in CONDENS to get
condensation of the water present in the flue
gasses. The excess heat of the CONDENS-

cooler (Qqonpens ) IS rejected to the environment.

Again, three parameters can be controlled in the
black box, while there are only two degrees of
freedom. In this case, if we impose the hot pinch
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Figure 2: Black box layout used for simulations
of Case Study 1 (CS1) and Case Study 2 (CS2,

grey parts).

and the heat disposal to the environment, the
stack temperature and the amount of circulating
water are set, due to the closed loop.

The boundary conditions used for the black box
simulations of CS1 and CS2 are shown in Table
2. The stack temperature during simulations is
variable. Rather than applying a specific stack
temperature to the black box system, it was
decided to control the amount of injected water.
Simulations showed that controlling m, ., allows

Aspen® to reduce the convergence time,
especially when condensation appears in the
flue gasses.

Exergy analysis of the black box systems

The exergy destruction and efficiency of the
black box are defined as described in [24].

Exergy efficiency is defined as the ratio between
the sum of the exergy of the streams that gain
exergy, and the sum of the exergy of the
streams that lose exergy. For both CS1 and
CS2, the exergy efficiency is thus reduced to the
ratio between the exergy gain of the
compressed air and the exergy loss of the flue
gasses. Since the water injection system is
designed to overcome the lower heat demand,

Table 2: Boundary conditions used in the black
box simulations of CS1 and SC2.

Compressor
Pressure ratio Variable®
Isentropic efficiency Variable*
Inlet air temperature 15°C
Turbine
Turbine back pressure 50 mbar
Isentropic efficiency Variable®
Turbine inlet temperature 950°C
Combustion chamber
Combustor pressure loss 5%
Heat recovery system
Hot side pressure loss 3%
Cold side pressure loss 40 mbar
Water injection pressure loss 0.5%
Hot side temperature difference 50°C
Stack temperature Variable®
Feed water inlet temperature 15°C
Fuel (methane)
Fuel temperature 30°C
Fuel pressure 6 bar
LHV 50 MJ/kg
General
Produced electrical power 100 kKW,

'For the simulations, generic compressor maps were used.

*The isentropic efficiency depends on the water content of the
working fluid, but TIT is constant.

*The final stack temperature depends on the amount of water that
needs to be injected.



the condensation heat Q.opeys IS S€EN as a loss

and is therefore not introduced in the exergy
balance. For the calculation of the exergy of the
different streams, an in-house Fortran procedure
has been used [26].

For each amount of injected water, exergy
destruction and efficiency were calculated. In
literature, values of a global exergy destruction
of minimal 5% and a black box exergy efficiency
as high as 93 % are used as limits for the heat
transfer systems [32]. Crossing these limits will
lead to unrealistic designs, too difficult to realize
with real heat exchangers.

Heat exchanger design

For the final design of the heat exchanger
network, based upon results of black box
analysis, composite curve theory was used [33].
For the composite curves, a minimum pinch of
10°C was set as design condition.

For all simulations, the same boundary
conditions as given in Table 2 and used for the
black box simulations were used. For the heat
exchangers, an additional condition was used:
10°C minimal temperature difference between
the hot exhaust and cold inlet. Furthermore,
generic heat exchanger models were used,
since the actual design of the heat exchangers
is beyond the scope of this paper.

RESULTS

Before discussing the results of the case
studies, two possible problems with water
injection are discussed: surge margin reduction
and combustion stability.

Surge margin reduction and combustion
stability

The Turbec T100 mGT works at constant power.
As mentioned before, the mGT controller will
keep the power constant by decreasing the
compressor mass flow rate by reducing the shaft
speed. Since water will be injected after the
compressor, but before the turbine, there is an
unbalance in mass flow rate, resulting in a
higher turbine power and additional produced
electrical power. To keep the power output
constant, the shaft speed is reduced. This shaft
speed reduction result into a decreasing
pressure ratio and air mass flow rate in the
compressor. The shaft speed reduction will shift
the compressor operation point to the surge
limit. According to Walsh and Fletcher, a
minimal surge margin of 15-20% is necessary
for low-pressure compressors in power
generation applications [34].

Due to the injection of water, some problems
with combustion stability may arise. The
combustion instabilities can lead to reduced
combustion efficiency and an increasing

emission of carbon monoxide and unburned
hydrocarbons [16]. The addition of water has
however, a positive effect on NO, exhaust [35-
37]. According to Hermann et al., the limit for
combustion is 33 wt% of water in the gasses;
because combustion become unstable at this
point due to the CO levels [37].

Black box

For both CS1 and CS2, water and compressed
air are mixed before entering the HEATER
(Figure 2). Depending on the amount of water,
the mixture entering the HEATER is either
humidified air, fully saturated air or saturated air
that still contains liquid water droplets. All
remaining droplets however will evaporated in
the HEATER.

With increasing injected water, the stack
temperature in CS1 decreases linearly (Figure
3). The more water is injected, the more heat
needs to be exchanged between the flue gasses
and the wet compressed air in order to reach a
combustor inlet temperature such that the hot
pinch temperature is 50°C. The stack
temperature reduction continues until 53°C is
reached. At this point, the water inside the flue
gasses starts to condensate, resulting in an
extra release of heat. The total amount of water
condensed is also shown in Figure 3. For this
reason, it was decided to use the injected water
mass flow rate as variable in the black box
calculations and to calculate the stack
temperature, which allowed simulating beyond
the point of condensations. If a stack
temperature was set to 53°C, no convergence in
Aspen® was reached, since there are multiple
solutions.

The stack temperature in CS2 slightly increases
with increasing water mass flow rate (from 29°C
at 0.005 kg/s to 32°C at 0.09°C) (Figure 3). The
increasing stack temperature is a result of the
decreasing air mass flow. The higher the water
injection mass flow rate, the more the mGT
controller will reduce the rotation speed and thus
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Figure 3: Stack temperature and condensed
water mass flow rate as function of the injected
water mass flow rate for Case Study 1 (CS1)
and Case Study 2 (CS2).



the air mass flow rate. The lower the air mass
flow, the less water can be evaporated in the
saturated air, which results in a higher stack
temperature when all necessary water is
condensed. The temperature rise is however
slightly slowed down since less natural gas is
burned. The amount of condensed water in CS2
is not added to Figure 3, since it was the goal to
make the cycle self-sufficient for water, so the
total amount of condensed water corresponds to
the amount of injected water.

Simulations of CS1 and CS2 were stopped at an
injection of 0.09 kg/s of water for both case
studies (Figure 3). At this point, the compressor
had reached his surge limit (Figure 4). The
impact of the water injection on the compressor
performance are shown on Figure 4. As
mentioned before, the operating point shifts
towards the surge margin. Surge margin is
reached when 0.09 kg/s of water is injected in
the cycle, according to a water fraction of
17 wt%, which is still below the limit set by
Hermann et al. for combustion stability [37]. In
order to reach this 0.09 kg/s of water injection,
compressor needs to be redesigned in order to
obtain a sufficient surge margin of 15-20% [37].

For all applied water mass flow rates, the exergy
destruction and efficiency are below the limits
from literature [32] (Figure 5). For increasing
injected water mass flow rates, the exergy
efficiency of the black box from CS1, decreases
first, while destruction increases. Afterwards,
exergy destruction starts to decrease while
exergy efficiency increases again. Exergy
efficiency of CS2 increases with increasing
water mass flow, while exergy destruction
decreases. The higher the amount of injected
water, the more energy is recuperated in the
HEATER-COOLER system and less is lost in
the cooling process to condensate the flue
gasses. This explains the increasing efficiency
and decreasing destruction. One can also see
that exergy efficiency of the black box is lower
than the exergy efficiency of the black box of
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Figure 5: Exergy efficiency and destruction
remain below the limit from literature for all
different amounts of injected water.

CS1, which is due to the Ilower stack
temperatures in CS2 (see Figure 3). Flue
gasses are cooled to get condensation of the
water; however, the exergy of this cooling
process is not used, resulting in an extra loss,
explaining the lower exergy efficiency.

The behaviour of exergy efficiency and
destruction in CS1 can be explained by looking
to the exergy fluxes entering and leaving the
black box, shown in Figure 6. The exergy flow of
the feed water from CS1 is not shown on Figure
5, since the water is introduced in the black box
in its dead state (15°C, 1bar, liquid phase) and
has therefore no exergy.

The different behaviour of the different exergy
flows from Figure 6 can be explained as follows:
e With increasing water injection, the exergy
flow through the turbine exhaust increases, due
to the higher water content of the flow. Because
of the higher water content, the TOT is also
slightly higher, since TIT is kept constant by the
mGT control system. The control system
however also reduces the mass flow rate, which
limits the exergy flow increase.

e Exergy flow at the combustor inlet however
remains more or less constant. The increasing
exergy flow because of the higher temperature
and water content is compensated by the lower
pressure and mass flow rate, resulting from the
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Figure 6: Different exergy flows of the black box
system. Results of CS1 are shown using lines,
while the corresponding results of CS2 are
shown using symbols.



lower rotation speed set by the mGT controller.

e The lower pressure ratio, mass flow rate and
compressor outlet temperature results in a
decreasing exergy flow entering the black box
from the compressor outlet.

e Since the stack temperature is gradually
reduced with increasing water injection, the
outgoing exergy flow through the stack is also
reduced. From the injection of 0.045 kg/s of
water on, the stack temperature remains
constant due to the condensation of water,
resulting in a stabilisation of the exergy flow.

Using previous information, exergy efficiency
and destruction of CS1 of Figure 5 can be
explained. The exergy flow of the stack
decreases faster than the exergy flow of the
compressor outlet. The exergy flow increase of
the turbine exhaust is larger than the one at the
combustor inlet. This results in decreasing
exergy efficiency, while the exergy destruction of
the black box increases. When reaching a stack
temperature of 53°C, the exergy loss through
the stack remains constant, resulting in
increasing exergy efficiency and decreasing
exergy destruction.

Comparing exergy flow of CS1 with CS2 shows
only one difference. Exergy flows of the
combustor inlet (cross), turbine exhaust
(diamond) and compressor outlet (triangle)
remain constant at the same injected water
fraction, while the exergy flow of the stack
(circle) is in CS2 much smaller than CS1. The
stack temperature of CS2 is low compared to
the stack temperature of CS1 (Figure 3). On top
of this lower temperature, the amount of water
vapour present in the flue gasses is much lower,
due to the condensation of the necessary water,
resulting in a very low exergy flow.

The electric efficiency of the mGT will increase,
as expected, with increasing injected water
mass flow rate (Figure 7). Although, exergy
efficiency first decreases and then increases;
this has no effect on the global efficiency of the
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Figure 7: Electric efficiency increases with
increasing injected water mass flow rate for CS1
(line) and showing good accordance with
efficiency increase from CS2 (diamonds).

mGT. The absolute efficiency rise depends on
the amount of injected water. The non-linear
efficiency increase is a result of the
transformation of the compressor map into
working lines. At an injection rate of 0.09 kg/s,
the absolute efficiency rise amounts 9%.
Comparing results of CS1 (line) with CS2
(diamonds) shows that there is no difference
between the electric efficiency, as could be
expected. In the black box system of CS2, the
feed water flow is replaced by a condenser that
will provide the necessary water. The heat
output of this condenser is not used in the
system; so finally, there is no difference
between CS1 and CS2 for the mGT
performance. In the actual power plant, when
the losses of the auxiliaries needs to be taken
into account, there will be a difference, since
energy is needed for the water treatments or for
the cooling of the flue gasses to get
condensation (and possible also water
treatment).

From the results of the electric and exergy
efficiency, one can conclude that condensing
the exhaust gasses needs to be accomplished
with an external heat sink. None of the
transferred exergy can be used in the system.
The final design of the heat exchanger network
is the same as for CS1, with an additional cooler
on the flue gas flow to cool the flue gasses to
get condensation of the required water.

Heat exchanger network design

For the heat exchanger network design of CS 1,
three possible layouts were simulated, as can
be seen in Figure 8. A first possibility is the
direct injection of the water in the compressor
outlet (A), the second possibility is the injection
of preheated water in the compressor outlet (B)
and the final test case was the use of a
saturation tower (the mHAT approach (C)).

The simulations of case (B) are divided into two
subcases. In a first subcase, water was heated,
but the final injection temperature remained
below the boiling point. In the second subcase,
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Figure 8: Heat exchanger network designs,
using direct water injection (Case A), preheated
water injection (Case B) and the use of a
saturation tower (Case C).



liquid water was heated, boiled and the raised
steam was superheated (5°C). For this subcase,
where temperature at the boiling point remains
constant, a different approach needs to be
applied; the water heater has been split up in
three parts: a water heater, a boiler and a super
heater. Finally, injection of a liquid-vapour
mixture was not considered.

The black box maximal water injection of
0.09 kg/s of water is never reached, because
the simulated stack temperature of 53°C can
never be reached (Table 3). The limitation for
the stack temperature is the temperature of the
working fluid mixture after water injection in
Case A and C, and the low amount of water that
can be heated in Case B. For direct injection,
the mixing temperature of the compressed air
and the liquid water is still quit high (around
63°C). The stack temperature cannot be
lowered further than this mixing temperature,
otherwise the composite curves will cross, which
is prohibited. The same explanation as for Case
A can be given for Case C, the mHAT. The
temperature of the excess water leaving the
saturation tower, which is rerouted to the water
heater, will determine the lowest possible stack
temperature. Hot flue gasses cannot be cooled
below this temperature, which corresponds to
the saturation temperature of the compressed
air. Final composite curves are shown in Figure
9. For all composite curves, only the heat
exchange inside the actual heat exchangers is
considered. The mixing is not taken into
account, since mixing does not require a
minimal pinch. For both the direct injection and
the mHAT case, the minimal pinch (10°C) can
be seen at the lowest temperature of the
composite curves, meaning the difference
between the stack and mixing temperature,
which proves that the stack temperature is
determined by the mixing temperature (Figure 9
(a)).

Figure 9 (b) gives the composite curves of the
indirect injection of heated liquid water (Case
Water) or steam (Case Steam). For the injection
of steam, the minimal pinch depends on the
boiling point of the water. If the stack

Table 3: Results of heat exchanger network
design, using different injection types.

Case A Case B CaseC
liquid steam

Tack 75°C 64°C 125°C 84°C

Toix 65°C 67°C 173°C 75°C
Moyater 38g/ls 40gls 27g/ls  364gls
e 40.2% 40.5% 39.5% 39.9%
QCONDENS 128 kW 126 kW 133 kW 130 kW
Teonpens 30.0°C 30.1°C 29.6°C 29.7°C
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Figure 9: Composite curves of direct water
injection (Case A) and the mHAT case (Case C)
and the injection of heated water (Case B
Water) and auto-raised steam (Case B Steam).

temperature would be lowered, hot and cold
composite curve would cross, which is
prohibited. For the injection of water, the
minimal stack temperature depends on the
amount of water injected, since one should
avoid the production of steam.

Even though exergy analysis of the black box
showed that injection up to 0.09 kg/s of water
(surge limit of the compressor) still results in a
global exergy efficiency and destruction below
limits that can be found in literature [32], this
potential cannot fully be explored, due to local
violations of the second law.

In Table 3, results of the electric efficiency
simulations showed that the lower the stack
temperature, the more water that can be
injected, resulting in a higher electric efficiency.
Injection of heated water is the most efficient
way of water injection; however, differences
between the different cases are rather small.
Results of condensation simulations show that
the lower the injected amount of water, the more
the stack temperature needs to be lowered and
the more heat needs to be disposed to the
environment in order to make the cycle self-
sufficient with water.

When the maximal amount of water is injected,
by means of injection of heated water, the surge
margin is reduced from 25% to 16%, which is
still within the limits for power generation [34].



The water fraction is limited to 6.7 wt%, which
should still allow for a stable combustion [37].

CONCLUSION

The results of a series of simulations of water
injection in the compressor outlet of an mGT are
presented. Water injection can increase the
yearly amount of running hours of an mGT,
since the electric efficiency will increase due to
addition of water. To find the thermodynamic
optimal of the water injection, the heat
exchanger network of the mGT has been
replaced by a black box system. Two case
studies were applied on this system. The first
study investigated the maximal potential for
water injection, by lowering the stack
temperature, without violation of the second law
of thermodynamics. In the second case study,
the cycle was made self-sufficient with water by
condensing the water in the exhaust gasses;
since the cost of the water consumption and
treatment is a major drawback of humidified gas
turbines. The final heat exchanger network was
designed using composite curve theory.

Results of black box simulations indicated that
lowering the stack temperature to 53°C results
in an injection of 17 %wt of water and an
increase in electric efficiency by 9% absolute,
without a violation of the global exergy balance
over the black box system. Composite curve
theory and pinch analysis however showed that
lowering stack temperature until 53°C is not
possible.  The lowest possible  stack
temperature, depending on the injection type is
74°C (direct injection of water), 64°C (direct
injection of heated water) and 84°C (mHAT).
These stack temperature respectively
corresponded to an injection of 37 g/s, 40 g/s
and 36 g/s of water, which resulted in absolute
efficiency increases of 4.2%, 4.4% and 3.8%.

Results of the second case study indicate that
the stack temperature needs to be 30°C or lower
to become fully self-sufficient for water.

NOMENCLATURE

Abbreviations

CHP Combined Heat and Power
Cs1 Case Study 1

CS2 Case Study 2

GT Gas Turbine

ICE Internal Combustion Engines
mGT micro Gas Turbine

REVAP Regenerative EVAPoration
TIT Turbine Inlet Temperature [°C]
TOT Turbine Outlet Temperature [°C]
WAC Water Atomizing inlet Cooling

Symbols

A Turbine inlet cross section [m?]
B Pressure ratio

k Heat capacity ratio (¢, /c,)
m Mass flow rate [kg/s]

n Efficiency [%]

PIT Turbine inlet pressure [Pa]
R Gas constant [kJ/kgK]

Q Heat flux [kW]

Subscripts

CONDENS condensor

COOLER cooler

el electric

HEATER heater

is isentropic

mix condition of mixing point
stack condition of stack flow
water condition of water flow
turb condition inside turbine
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